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Effect of Groove Location on the Dynamic
Characteristics of Multiple Axial Groove Water
Lubricated Journal Bearing
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Abstract—The stability characteristics of water lubricated journal
bearings having three axial grooves are obtained theoretically. In this
lubricant (water) is fed under pressure from one end of the bearing,
through the 3-axial grooves (groove angles may vary). These
bearings can use the process fluid as the lubricant, as in the case of
feed water pumps.

The Reynolds equation is solved numerically by the finite
difference method satisfying the boundary conditions. The stiffness
and damping coefficient for various bearing number and eccentricity
ratios, assuming linear pressure drop along the groove, shows that
smaller groove angles better results.

Keywords—3-axial groove, dynamic characteristics, groove
location, water lubricated bearings.

I. INTRODUCTION

HE stability of a three axial groove water lubricated

journal bearing is studied theoretically. In multiple axial
grooved bearings one of the best ways of supplying the
lubricant is through the axial groove. Such grooves are
preferred when the cooling effect due to the flow of lubricant
becomes critical. When pressurized lubricant is fed through the
axial groove, the flow rate increases which plays an important
role in maintaining an uninterrupted water film and removing
most of the frictional heat. In this study, lubricant is fed under
pressure from one end of the bearing, through three axial
grooves (groove angle may vary) and around the clearance
between the shaft and the bearing bush. The flow in this region
will be both circumferential and axial [1]. The provision of
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grooves should not be in the load carrying area and should be
close to the maximum film thickness which would least
interfere with the hydrodynamic performance of the bearing.
This would provide maximum performance [2]. Flow through
bearings depends on viscosity of the lubricant, bearing
clearance and lubricant supply system. Shelly and Ettles [3]
discovered that positioning the grooves at the maximum
pressure location will cause 30 to 70 percent reduction in the
load capacity of the bearing. This results in the lowering of the
film thickness between journal and bearing which could lead to
journal bearing contact and hence increased wear [4]. The
provision of the grooves should not be in the load carrying area
and should be as close to the maximum film thickness which
would least interfere with the hydrodynamic performance of
the bearing. This would provide maximum performance[5].

Water  lubricated  bearings would  represent an
environmentally acceptable option because there is no
pollution. Therefore water lubricated applications are expected
to continue to grow and a complete bearing design must
examine all aspects of the bearing performance.

The Reynolds equation in two dimensions for
incompressible fluid is solved numerically by finite difference
method. The dynamic characteristics are obtained in terms of
stiffness and damping coefficient using a first-order-
perturbation method to ascertain the stability of the bearing
system.

The dynamic characteristics are studied for 12°and 36°
groove angles and with JFO boundary conditions. Typical
results obtained are presented in the form of charts, which can
be used conveniently in the design of such bearings as these
are presented in dimensionless form. The results are compared
with those obtained with Reynolds boundaries.
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Fig. 1 Three axial groove journal bearing and the coordinate
system.

The Reynolds equation under dynamic condition is:
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Fig. 2 Developed view of the bearing showing the boundary
conditions.

The domain boundary conditions for the five axial grooved
journal bearing are given below.

P, =1at z=0at the grooves and elsewhere Po =0
and  p,=0at Z=1forall &
p=0, dp/o6=0 2)

The journal performs a periodic motion of small amplitude
Re(Cz,e")
perpendicular to the line of centers around its steady state

along the line of centers and Re(Cgoqﬁle”)

position &, and ¢ .

It is assumed that at the onset of instability, the position of the
journal center can be defined as a steady state value ( &y ¢0)

together with a harmonic vibration of

frequency o ot thus

E=¢&,+¢e"

b=y +e"
&1
where
6y

Under this condition (i.e. for small amplitude of
vibration) first - order perturbation will be valid. The
pressure and film thickness can be written as:

P =P, + e D, +e0he P, (3)
£,6'7Cos @+ g,p,e'" sin g 4
Substitution of equations (3) and (4) into equation (1)

and retaining up to first linear terms, we get the
following three equations:

o 'h36 Po 30h28h P, E[i}zﬁaazboi dh, -0 (5)
oMo o h ——2
00? 00 00 4\L oz do

a‘ie":h389p1+30h o2 p° _3.0R, sune’p0+60h cosg o o

20 00 (6)
+30h2i07pl+7[7j F3 0’ 7[ ]—z 2°P,

00 00 4\L) ° ozt 4 ° ozt
+Asin@—-2iAlsind =0

—,0°p. _ 2p, _
sope” :ho3 ¢ pz +3.0h, sin 6%+3.0h zcosﬁcp" +6.0h, sin Hﬂy"
260 o0 00 00 (7

_ . 0%D. _
30h02ﬂ‘£+3[9J h, L 7[Dj hozsinQTe"
oz

06 06 4\L) ° ozt 4
—Acosf—-2iAA.sind =0
as shown in Fig. 2.
Knowing the steady state pressure distribution equations (6)

and (7) are solved numerically satisfying the modified
boundary conditions of equation (2).

A. Stiffness and Damping coefficients
The dynamic pressures P;and P,are produced due to the
dynamic displacements of the journal center Re(Cglei’)
parallel to and Re(cgo¢le”) perpendicular to the line of
centers. The components of the dynamic load due to the
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dynamic pressure ), along and perpendicular to the line of
centers can be written as:

L2z
Ww,), = “'pRcostHdz
00
L2z
W,), = [ [ p.Rsino.do.dz ®)
00

It is treated that the fluid film, which supports the rotor, is
equivalent to a spring and a dashpot system. Since the journal
executes small harmonic oscillation about its steady state
position, the dynamic load carrying capacity can be expressed
as a spring and a viscous damping force as given below:

dy
~(w =K,Y+D, —
( 1) + rr dt
it dY
-(W,), e =K¢,Y+Dqua )

where the position of the journal centre is given by
Y =Cge'”

Now,

12x
- 10
W), = LDpS Hp1.cose.d¢9.dz (10)

12x
p.sin 0.d0.dz (11)
), = LDps I I &

Using equation (10) and (11), we can write

W) - [p ,_ KiC ,DuCa
_(Wl)r = J.:.([pl.cosa.de.dz = on, +i op.
12)
——— 127,7 ) - KWC - DWCa)
_(W )¢ = —! i[ p,.sing.do.dz = Fpsﬂ LDpSp

Since P, is complex, the dynamic load W, can be expressed
in terms of real and imaginary parts as

W, = Re(W, )+iIm(W, ) (13)

Hence we get,

K, =- Reﬁ .[ p,.coso.d H.dz}
00

1
K, =- ReD' .f p,.sino.d H.dz} (14)
00

Jl‘zfpl.cose.de.dz}/ﬂ
00
127
[ [pysin H.de.dz} /z
00

where, g _ KiC and = DyCo
" LDp, " LDp,
Similarly, considering the dynamic displacement of the

journal centre along ¢ direction, the following expressions
results.

=— Reﬁzfp2 .sing.d a.dz}
00

2

J'ﬁz.cos ed H.dz} (15)
0

-
—ImHZJ:pz.sin a.de.dz}/ﬂ
= |mH2.f cose.de.dz} //1

The stiffness and damping coefficients thus obtained can be
used to study the stability of a rigid rotor.

_ 1 _ _
M= lZ(DW, +D, [(Drr Ky + Kerw)’(Kme + D¢rKn/>) (16)
+—(5,, cosgy — Dy, sin ¢0)]
£o
M224 = AZ{M[M+K¢¢+K"]Jr(ﬁnﬁw—ﬁwﬁm) (17)
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I1l. RESULTS AND DISCUSSIONS
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Fig. 5 Variation of direct damping coefficient with A for various &,
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Fig. 7 Variation of stability and whirl with A for various g,

TABLE |
COMPARISON OF RESULTS OF 36° AND 12° ANGLE GROOVED
BEARINGS (L/D =1.0, A = 10, LINEAR PRESSURE DROP)

£, Groove M A
Angle

0.2 12° 1.8040 0.6127
36° 0.6793 0.6487

0.4 12° 11.5979 0.5796
36° 6.3822 0.5128

0.6 12° 52.9772 0.4831
36° 32.4432 0.4692
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0.8 12° 85.9303 0.6811 D 5¢¢ 5¢ 5¢ Nondimensional damping
1 ! rg? r J—
ffici D. =D, LD
36° 60.2443 0.7201 coefficients, D; = D;Ca/ LDp,
Table 1. Comparison of results of 36° and 12° angle grooved K, K, K, K, Stiffness coefficients (N/m)
bearings (L/D =1.0, A = 10, linear pressure drop) K KM K ¢|Z¢ Nondimensional stiffness
rr? L ¢ r . —
Stiffness and damping coefficients are shown in Fig 3 — 7 for coefficients, K;; = KijC/LDps
various eccentricity ratios and speed parameters. It has been | Length of the bearing (m)
observed that these coefficients, except [_)r 4o increase Po Pressure at the bearing edges
. . o — [ ) Perturbed pressures
with an increase in journal speed. It can be seen that K 4 and 12 .
_ R Journal radius (m)
Dr¢ (Figs 4 and Fig. 6) have negative values. The stiffness t Time (s)
and damping coefficients are mainly responsible for the whirl U Journal peripheral speed, @R
instability of the bearing. The effect of an individual ¢ Groove angle (rad.)
coefficient on the speed and eccentricity ratio may not indicate €1, h Perturbation parameters
the trend of stability characteristics. These coefficients do not 77 Coefficient of absolute viscosity of
give much of a basis for comparing various bearing designs the Iu_brican_t (N s/m?) _
with one another. However, these are quite useful for the &,Z Nondimensional co-ordinates,

calculation of threshold speed.

The speed of journal calculated from the value of M s the
threshold speed, above which the bearing system will be
unstable. The whirl speed (speed of the journal centre) can be
found from the whirl ratio for the above journal speed. Fig. 5

shows the variation in mass parameter M and whirl ratio
A (the measure of stability). The upper portion of the curve for

M is the unstable region and the lower portion one is the
stable region.

It can be seen that the results are better for smaller groove

angles when compared with the 36° groove angle (Table 1).
I\VV. CONCLUSIONS

From the above study we can conclude that:

1. The considerable change in the mass parameter for
1ZOgroove angle shows improved stability when

compared to BGOgroove angles. It is therefore,
preferable to use a smaller groove angle.

2. The data obtained from the above analysis can be
used conveniently in the design of water lubricated
journal bearings, as these are presented in
dimensionless form.

0=x/R,Z=12/L,0 measured
from the line of centres.

9" Co-ordinate in the circumferential
direction measured from centre
of the groove.

A Whirl ratio, a)p/aJ

Inlet angle of the lobes

61,63,65,67,59,511
62646668510 512 Outlet angle of the lobes
& Lobe angle (rad.)
A Bearing number,
2
6na/[ps(C/R)]
T Nondimensional time, @ t
b, 4, Attitude angle (rad)
[0 Journal rotational speed (rad /s)

TABLE II
NOMENCLATURE
Symbol Name
C Radial clearance (m)
D Diameter of the bearing (m)
DD D,,. D¢r Damping coefficients (Ns/m)
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