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 
Abstract—Numerical models of the heat exchangers in ejector 

refrigeration system (ERS) were developed and validated with the 
experimental data. The models were based on the switched heat 
exchangers model using the moving boundary method, which were 
capable of estimating the zones’ lengths, the outlet temperatures of 
both sides and the heat loads at various experimental points. The 
developed models were utilized to investigate the influence of the 
primary flow pressure on the performance of an R245fa ERS based 
on its coefficient of performance (COP) and exergy efficiency. It was 
illustrated numerically and proved experimentally that increasing the 
primary flow pressure slightly reduces the COP while the exergy 
efficiency goes through a maximum before decreasing. 

 
Keywords—Coefficient of performance, ejector refrigeration 

system, exergy efficiency, heat exchangers modeling, moving 
boundary method.  

I. INTRODUCTION 

HE ejector refrigeration cycles are recently used in many 
engineering applications due to their advantages 

compared with conventional refrigeration systems: the 
structural simplicity, low capital cost, the ability to use the 
inexpensive and free low-grade heat resources like waste heat 
from various industries and solar energy, to name a few. 
However, the main drawback of the ejector-based refrigeration 
cycle is related to its low performance. As a result, it is 
required to improve the performance of such systems. 

Considerable efforts have been made in the literature to 
investigate the various refrigeration systems numerically and 
experimentally. It was suggested by several experimental and 
theoretical studies that performance of the ERS are strongly 
dependent on the operating conditions of the ejector, 
evaporator, generator and condenser in the cycle. The most 
recent findings can be found in the studies conducted by 
Aphornratana et al. [1], Huang et al. [2] Eames et al. [3], 
Thongtip and Aphornratana [4], Chen et al. [5]. 
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Heat exchangers are considered as crucial components in 
the ERS modeling. Heat exchangers modeling approaches can 
be mainly categorized into three groups: 1)  single node model 
or lumped parameter model [6], 2) multi-node model or 
distributed parameter model [7], and 3)  zone model or 
moving boundary model [8]-[11]. The moving boundary 
model is widely used to model heat exchangers in transient 
and steady state conditions due to its high accuracy and low 
computation time. This model splits a heat exchanger into 
several regions (based on the number of phases) or Control 
Volumes (CVs) in which the lumped thermodynamic 
properties are averaged. The limits of the regions may move 
between CVs. In spite of the high accuracy of the finite 
volume or finite difference models, the lumped parameter or 
moving-boundary method is much faster which is depicted by 
Grald and MacArthur [12]. The moving-boundary method is 
considered as an appropriate approach to model the heat 
exchangers for control purposes. Although the tremendous 
work performed in this area, some improvements are still 
required in the moving boundary method. For instance, the 
significant number of available models assumes the fixed 
number of zones or the fixed lengths for the zones.  

In this work, the numerical investigation of the three heat 
exchangers used in an ERS was conducted. To develop the 
steady-state models of the heat exchangers, the ɛ-NTU model 
in combination with the moving boundary method was 
applied. A simple method was presented to evaluate the length 
of the different zones in the heat exchangers and the 
simulation results showed a good agreement with 
experimental data. The developed models could predict the 
thermal loads and outlet temperatures of the both sides with 
the errors up to 8.55 % and 6.46 %, respectively. 

II. MODELING  

The ejector refrigeration cycle includes six components: the 
generator, condenser, evaporator, ejector, electronic expansion 
valve and pump. Fig. 1 shows the schematic view of a typical 
ejector refrigeration system. The value of all the model 
parameters applied in this study are obtained by employing an 
R245fa ejector driven refrigeration plant located at LTE center 
of Hydro-Quebec. EES software was applied to solve the 
developed equations. 
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Fig. 1 Schematic representation of an ejector refrigeration circle 
 

The zone model or moving boundary model [8], [9] is 
widely used to model the heat exchangers in transient and 
steady state conditions. In the present study, the moving 
boundary model is applied to model the heat exchangers. The 
values of the thermal loads in the evaporating, preheating, 
condensing and desuperheating regions of the generator, 
evaporator and condenser can be evaluated using the heat 
exchangers’ pressure and inlet temperatures of the both sides 
and compared with their equivalent values calculated by 
𝜀 െ 𝑁𝑇𝑈 method. The equations applied to model the heat 
exchangers are listed in Appendix. 

The relation introduced by Gnielinski [13]-[15] was used to 
evaluate the convective heat transfer coefficients in single-
phase regions. The heat transfer coefficients of the evaporation 
zones (in the generator and evaporator) are calculated using 
the correlation introduced by Yan and Lin [10]. Furthermore, 
the heat transfer coefficient of the condensation zone of the 
condenser is estimated by Yan et al. correlation [10]. Figs. 2-4 
depict the heat transfer diagram along the heat exchangers. 

It was assumed that the heat transfer areas in the three heat 
exchangers are divided into three zones in the generator and 
the condenser while the evaporator is represented by two 
zones. The heat transfer area of each region is a portion of the 
total heat transfer area of the corresponding heat exchanger 
defined by dimensionless length factors. For instance, length 
factors of the preheating (𝜂௣௛) and evaporating (𝜂௘௩) zones are 
calculated in the iterative solutions based on which the heat 
transfer rates in the preheating and evaporation zones are 
evaluated using (5) and (6). The hfg represents the vaporization 
enthalpy of the refrigerant at the generator pressure Pg. In 
each iteration, the evaluated values of 𝑄ሶ௘௩and 𝑄ሶ௣௛ are 
compared to their real values calculated by (5) and (6) and the 
estimated values of 𝜂௣௛ and 𝜂௘௩ are renewed until convergence 
is reached. The same method is used for the condenser and 
evaporator. All the used equations are listed in Table I. 

 

 

Fig. 2 (a) Heat transfer along the three zones of the generator (b) 
thermal plan of both sides 

 

 

Fig. 3 (a) Heat transfer diagram along the three zones of condenser 
(b) thermal plan of both sides 
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Fig. 4 (a) Heat transfer diagram along the evaporator’s two zones (b) 
thermal plan of both sides 

III. RESULTS AND DISCUSSION 

In order to validate the model, experimental data obtained 
by Hamzaoui et al. [16] were used. The primary flow pressure 
is chosen as a disturbance to validate the developed models. 
The interval of variation ranges from 484 kPa to 538 kPa. 

 
TABLE I 

GOVERNING EQUATIONS IN THE HEAT EXCHANGERS 

Generator Equations No. 

 U ൌ
ଵ

భ
౞౨,ౝ

ା భ
౞ౝ

  (1) 

Superheating 
Zone 

Cሶ ୰,୥,ୱ୦ ൌ ሺmሶ C୔ሻ୰,୥,ୱ୦ 

(2) 

Cሶ ୥,ୱ୦ ൌ ሺmሶ C୔ሻ୥,ୱ୦ 

Cሶ ୑୧୬,ୱ୦ ൌ minimum൫Cሶ ୰,୥,ୱ୦, Cሶ ୥,ୱ୦൯ 

Cሶ ୑ୟ୶,ୱ୦ ൌ maximum൫Cሶ ୰,୥,ୱ୦, Cሶ ୥,ୱ୦൯ 

Cୱ୦ ൌ
Cሶ ୑୧୬,ୱ୦

Cሶ ୑ୟ୶,ୱ୦
 

Aୱ୦ ൌ Aηୱ୦ 

UAୱ୦ ൌ Uୱ୦Aୱ୦ 

NTUୱ୦ ൌ UAୱ୦/Cሶ ୑୧୬,ୱ୦ 

Qሶ ୱ୦ ൌ εୱ୦Cሶ ୑୧୬,ୱ୦൫T୥,୧୬ െ T୰,୥,ୱୟ୲൯ 

T୥,୫୧ୢ,ୱ୦ ൌ T୥,୧୬ െ
ሶ୕ ౩౞

େሶ ౝ,౩౞
  

T୰,୥,୭୳୲ ൌ  Qሶ ୱ୦/Cሶ ୰,୥,ୱ୦ ൅  T୰,୥,ୱୟ୲ 

Evaporation 
Zone 

Cሶ ୰,୥,ୣ୴ ൌ ሺmሶ C୔ሻ୰,୥,ୣ୴ 

(3) 

Cሶ ୥,ୣ୴ ൌ ሺmሶ C୔ሻ୥,ୣ୴ 

Cୣ୴ ൌ ሼphase changeሽ ൌ 0 

Aୣ୴ ൌ Aηୣ୴ 

UAୣ୴ ൌ Uୣ୴Aୣ୴ 

NTUୣ୴ ൌ
୙୅౛౬

େሶ ౝ,౛౬
  

Qሶ ୣ୴ ൌ εୣ୴Cሶ ୥,ୣ୴൫T୥,୫୧ୢ,ୱ୦ െ T୰,୥,ୱୟ୲൯ 

T୥,୫୧ୢ,୮୦ ൌ T୥,୫୧ୢ,ୱ୦ െ
ሶ୕ ౛౬

େሶ ౝ,౛౬
  

Preheating 
zone 

Cሶ ୰,୥,୮୦ ൌ ሺmሶ C୔ሻ୰,୥,୮୦ 

(4) 

Cሶ ୥,୮୦ ൌ ሺmሶ C୔ሻ୥,୮୦ 

Cሶ ୑୧୬,୮୦ ൌ minimum൫Cሶ ୰,୥,୮୦, Cሶ ୥,୮୦൯ 

Cሶ ୑ୟ୶,୮୦ ൌ maximum൫Cሶ ୰,୥,୮୦, Cሶ ୥,୮୦൯ 

C୮୦ ൌ
େሶ ౉౟౤,౦౞

େሶ ౉౗౮,౦౞
  

A୮୦ ൌ Aη୮୦ 

UA୮୦ ൌ U୮୦A୮୦ 

NTU୮୦ ൌ
୙୅౦౞

େሶ ౉౟౤,౦౞               
  

Qሶ ୮୦ ൌ ε୮୦ Cሶ ୑୧୬,୮୦൫T୥,୫୧ୢ,୮୦ െ T୰,୥,୧൯ 

T୥,୭ ൌ T୥,୫୧ୢ,୮୦ െ Qሶ ୮୦/Cሶ ୥,୮୦ 

 Qሶ
୮୦,ୡ ൌ ሺmሶ C୔ሻ୰,୥,୮୦ ൫T୰,୥,ୱୟ୲ െ T୰,୥,୧൯ (5) 

 Qሶ ୲୭୲ୟ୪ ൌ Qሶ ୮୦ ൅ Qሶ ୣ୴ ൅ Qሶ ୱ୦ (6) 
Condenser Equations No. 

Subcooling 
Zone 

Cሶ ୰,ୡ,ୱୠ ൌ ሺmሶ C୔ሻ୰,ୡ,ୱୠ 

(7) 

Cሶ ୡ,ୱୠ ൌ ሺmሶ C୔ሻୡ,ୱୠ 

Cሶ ୑୧୬,ୱୠ ൌ minimum൫Cሶ ୰,ୡ,ୱୠ, Cሶ ୡ,ୱୠ൯ 

Cሶ ୑ୟ୶,ୱୠ ൌ maximum൫Cሶ ୰,ୡ,ୱୠ, Cሶ ୡ,ୱୠ൯ 

Cୱୠ ൌ
Cሶ ୑୧୬,ୱୠ

Cሶ ୑ୟ୶,ୱୠ
 

Aୱୠ ൌ Aηୱୠ 

UAୱୠ ൌ UୱୠAୱୠ 

NTUୱୠ ൌ
୙୅౩ౘ

େሶ ౉౟౤,౩ౘ
  

Qሶ ୱୠ ൌ εୱୠ Cሶ ୑୧୬,ୱୠ൫T୰,ୡ,ୱୟ୲ െ Tୡ,୧൯ 

Tୡ,୫୧ୢ,ୱୠ ൌ Tୡ,୧ ൅
ሶ୕ ౩ౘ

େሶ ౙ,౩ౘ
  

T୰,ୡ,୭ ൌ T୰,ୡ,ୱୟ୲ െ
ሶ୕ ౩ౘ

େሶ ౨,ౙ,౩ౘ
  

Condensation 
Zone 

Cሶ ୰,ୡ,ୡ୭୬ୢ ൌ ሺmሶ C୔ሻ୰,ୡ,ୡ୭୬ୢ 

(8) 

Cሶ ୡ,ୡ୭୬ୢ ൌ ሺmሶ C୔ሻୡ,ୡ୭୬ୢ 

Cୡ୭୬ୢ ൌ ሼphase changeሽ ൌ 0 

Aୡ୭୬ୢ ൌ Aηୡ୭୬ୢ 

UAୡ୭୬ୢ ൌ Uୡ୭୬ୢAୡ୭୬ୢ 

NTUୡ୭୬ୢ ൌ
UAୡ୭୬ୢ

Cሶ ୡ,ୡ୭୬ୢ
 

Qሶ େ୭୬ୢ ൌ εୡ୭୬ୢ Cሶ ୡ,ୡ୭୬ୢ൫T୰,ୡ,ୱୟ୲ െ Tୡ,୫୧ୢ,ୱୠ൯ 

Tୡ,୫୧ୢ,ୢୣୱ ൌ Tୡ,୫୧ୢ,ୱୠ ൅
ሶ୕ ి౥౤ౚ

େሶ ౙ,ౙ౥౤ౚ
  

De-
superheating 

Zone 

Cሶ ୰,ୡ,ୢୣୱ ൌ ሺmሶ C୔ሻ୰,ୡ,ୢୣୱ 

(9) 

Cሶ ୡ,ୢୣୱ ൌ ሺmሶ C୔ሻୡ,ୢୣୱ 

Cሶ ୑୧୬,ୢୣୱ ൌ minimum൫Cሶ ୰,ୡ,ୢୣୱ, Cሶ ୡ,ୢୣୱ൯ 

Cሶ ୑ୟ୶,ୢୣୱ ൌ maximum൫Cሶ ୰,ୡ,ୢୣୱ, Cሶ ୡ,ୢୣୱ൯ 

Cୢୣୱ ൌ
େሶ ౉౟౤,ౚ౛౩

େሶ ౉౗౮,ౚ౛౩
  

Aୢୣୱ ൌ Aηୢୣୱ 

UAୢୣୱ ൌ UୢୣୱAୢୣୱ 

Qሶ ୢୣୱ ൌ εୢୣୱCሶ ୑୧୬,ୢୣୱ൫T୰,ୡ,୧ െ Tେ,୫୧ୢ.ୢୣୱ൯ 

Tୡ,୭ ൌ Tୡ,୫୧ୢ.ୢୣୱ ൅
ሶ୕ ౚ౛౩

େሶ ౙ,ౚ౛౩
  

Qሶ
ୢୣୱ,ୡ ൌ ሺmሶ C୔ሻ୰,ୡ,ୢୣୱ ൫T୰,ୡ,ୱୟ୲ െ T୰,ୡ,୧൯  (10) 

Qሶ ୲୭୲ୟ୪ ൌ Qሶ ୢୣୱ ൅ Qሶ ୡ୭୬ୢ ൅ Qሶ ୱୠ (11) 
Evaporator Equations No. 

Superheating 
Zone 

Cሶ ୰,ୣ,ୱ୦ ൌ ሺmሶ C୔ሻ୰,ୣ,ୱ୦ 

(12) 

Cሶ ୣ,ୱ୦ ൌ ሺmሶ C୔ሻୣ,ୱ୦ 

Cሶ ୑୧୬,ୱ୦ ൌ minimum൫Cሶ ୰,ୣ,ୱ୦, Cሶ ୣ,ୱ୦൯ 

Cሶ ୑ୟ୶,ୱ୦ ൌ maximum൫Cሶ ୰,ୣ,ୱ୦, Cሶ ୣ,ୱ୦൯ 

Cୱ୦ ൌ
େሶ ౉౟౤,౩౞

େሶ ౉౗౮,౩౞
  

Aୱ୦ ൌ Aηୱ୦     

UAୱ୦ ൌ Uୱ୦Aୱ୦ 

NTUୱ୦ ൌ
୙୅౩౞

େሶ ౉౟౤,౩౞
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Qሶ ୱ୦ ൌ εୱ୦Cሶ ୑୧୬,ୱ୦൫Tୣ ,୧ െ T୰,ୣ,ୱୟ୲൯ 

Tୣ ,୫୧ୢ ൌ  Tୣ ,୧ െ Qሶ ୱ୦/Cሶ ୑୧୬,ୱ୦ 
T୰,ୣ,୭ ൌ  Qሶ ୱ୦/Cሶ ୰,ୣ,ୱ୦ ൅  T୰,୥,ୱୟ୲ 

Evaporation 
Zone 

Cሶ ୰,ୣ,ୣ୴ ൌ ሺmሶ C୔ሻ୰,ୣ,ୣ୴ 

(13) 

Cሶ ୣ,ୣ୴ ൌ ሺmሶ C୔ሻୣ,ୣ୴ 

Cୣ୴ ൌ  ሼphase changeሽ ൌ 0 

Aୣ୴ ൌ Aηୣ୴      

UAୣ୴ ൌ Uୣ୴Aୣ୴ 

NTUୣ୴ ൌ
UAୣ୴

Cሶ ୣ,ୣ୴
 

Qሶ ୣ୴ ൌ εୣ୴Cሶ ୣ,ୣ୴൫Tୣ ,୫୧ୢ െ T୰,ୣ,ୱୟ୲൯ 

Tୣ ,୭ ൌ Tୣ ,୫୧ୢ െ
ሶ୕ ౛౬

େሶ ౛,౛౬
  

 Qሶ ୲୭୲ୟ୪ ൌ Qሶ ୣ୴ ൅ Qሶ ୱ୦ (14) 

A. Effect of the Primary Flow Pressure on Heat Transfer 

Fig. 5 shows the comparison between numerical and 
experimental ERS performance based on COP, which is 
defined as: 

 

𝐶𝑂𝑃 ൌ ொሶ೐
ொሶ೒

  (17) 

 
It is observed that generally the COP decreases with an 

increase in the primary flow pressure. This is because the 
cooling load in the evaporator is kept constant while the 
thermal input at the generator increases with a rise in the 
primary flow pressure as presented in Fig. 6. 

 

 

Fig. 5 Variation of the COP the primary flow pressure 
 
Fig. 7 shows the influences of the primary flow rate on the 

predicted thermal conductance UA of the evaporator and 
generator. It can be seen that the UA increases linearly as a 
function of the primary flow pressure. However, in the 
evaporator, there is an optimum primary flow pressure where 
the minimum UA can be obtained. It can be explained by the 
fact that the primary mass flow rate in the generator and the 
heat transfer rate both increase while the temperature 
difference between two sides decreases with rising the primary 
flow pressure and consequently, UA increases sharply. On the 
other hand, in evaporator, the mass flow rate of the secondary 
stream are kept constant and the UA is strongly dependent on 
the logarithmic temperature difference (∆𝑇௟௠௧ௗ) between the 
two sides and the thermal load, which rises to a maximum 
point then decreases with augmenting the primary flow rate 
(Fig. 8). 

 

Fig. 6 Variations of 𝑄ሶ௘, 𝑄ሶ௚ with the primary flow pressure 
 
It is believed that the minimum logarithmic temperature 

difference in the evaporator is related to the minimum 
evaporation pressure (secondary pressure) at the same point, 
which is shown in Fig. 9. The thermal conductance can be 
crucial from the point of view of the fixed costs and the size of 
the refrigeration system. The larger the UA, the larger heat 
exchanger is required. 

 

 

Fig. 7 Variations of UA in the generator and evaporator with the 
primary flow pressure 

B. Effect of the Primary Flow Rate on the Exergy Efficiency 
(𝜂ூூ) of the ERS 

The exergy analysis of the ERS system can be beneficial to 
evaluate the irreversibility decrease for the cycle. Here, the 
exergy efficiency is used as another indicator to demonstrate 
the efficiency of the ERS defined as follows [17]: 

 

𝜂ூூ ൌ
ா೐

ா೒ାௐ೒
                                                                          (18) 

 
where 𝐸௘, 𝐸௚ and 𝑊௚ are exergy of heat rates in the evaporator 
and generator and pump work, respectively. The pump work is 
negligible and is not included in the exergy efficiency 
calculations. To evaluate the exergy of the heat rate the 
following equations are used: 
 

𝐸௘ ൌ 𝑄ሶ௘ ฬ1 െ ೝ்

ೞ்೎,೐
ฬ                                                                     (19) 
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𝐸௚ ൌ 𝑄ሶ௚ ฬ1 െ ೝ்

ೞ்೎,೒
ฬ                                                                    (20) 

 

𝑇௦௖,௘ ൌ Te,i൅Te,o

2
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Fig. 8 Variations of ∆𝑇௟௠௧ௗ  in the generator and evaporator with the 
primary flow pressure 

 

 

Fig. 9 Variation of the Secondary Stream Pressure (PS) with the 
primary stream pressure (Pp) 

 
Tr is the surrounding temperature. The second law or 

exergy efficiency of the cycle is evaluated using the following 
formula: 
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Fig. 10 depicts the influence of the increase of the primary 
flow pressure on the exergy efficiency. With the rise in the 
primary pressure the exergy efficiency increases initially to a 
maximum and then decreases. The reason can be explained 
based on the variation of COP with the primary flow pressure 
and the second factor of the Eq. (23). The COP decreases with 
augmenting the primary flow pressure, however, the second 
term of the Eq. (23) first increases slightly and then decreases 

with rising the primary pressure. 
 

 

Fig. 10 Effect of the primary flow pressure on the exergy efficiency 

IV. CONCLUSION 

In the present study, the steady state models of the heat 
exchangers in an ERS using R245fa refrigerant were 
developed with EES software. The Moving Boundary method 
was utilized to study the heat exchangers by calculating the 
thermal loads, the outlet temperatures of both sides and length 
factors of various zones at different operation conditions. The 
proposed model was validated with experimental data, which 
showed a good agreement. The developed model was used to 
predict the impact of the primary flow pressure on the COP 
and 𝜂ூூ and it was revealed that increasing the primary flow 
pressure results in COP drop while 𝜂ூூ rises to a maximum 
point before decreasing. 

APPENDIX 

 

Fig. 11 Solution algorithm flow chart for the evaporator model 
 

0

0,2

0,4

0,6

0,8

1

1,2

1,4

1,6

1,8

11,68

11,7

11,72

11,74

11,76

11,78

11,8

11,82

11,84

11,86

480 500 520 540

𝞓
T_

lm
td
_e

𝞓
T_

lm
td
_g

Pp, Kpa

g

e

84

84,5

85

85,5

86

86,5

480 490 500 510 520 530 540

P
s,
 K
p
a

Pp, Kpa

Measurement uncertainty
Ps=±0.7Kpa

0,1

0,11

0,12

0,13

0,14

480 500 520 540

Ƞ
_I

I

Pp, Kpa

Measurement uncertainty
Ƞ_II=±0.002

Exergy_eff_Ex

Exergy_eff_model



International Journal of Electrical, Electronic and Communication Sciences

ISSN: 2517-9438

Vol:13, No:6, 2019

454

 

 

 

Fig. 12 Solution algorithm flow chart for the condenser model 
 

 

Fig. 13 Solution algorithm flow chart for the generator model 
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NOMENCLATURE 

Symbol      Definition 
P        Pressure, Kpa 
h        Enthalpy, kj/kg 
mሶ            Mass flow rate, kg/s 
A        Surface area, m2 
T        Temperature, ℃ 
Qሶ             Heat load, KW/s 
C        Capacity ratio 
Cሶ             Capacitance rate, Kj/s.℃ 
Cp            Specific heat, Kj/kg.℃ 
ε        effectiveness factor 

COP                            coefficient of performance 
U        overall heat transfer coefficient, kw/m2. ℃ 
ifg           latent heat of vaporization (condensation) at the 
heat exchanger pressure, Kj/Kg 
Greek characters  
ρ        Density, kg/m3 
η୍୍            Second-law efficiency 
ηୱ୦           Length factor for superheating area 
ηୣ୴       Length factor for evaporation area 
η୮୦       Length factor for preheating area 
ηୢୣୱ       Length factor for desuperheating area 
ηୡ୭୬ୢ      Length factor for condensation area 
ηୱୠ       Length factor for subcooling area 
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