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Abstract—In order to compare the performance of the carbon
dioxide and HFC-125 heat pumps for medium-and high-temperature
heating, both heat pump cycles were optimized using a simulation
method. To fairly compare the performance of the cycles by using
different working fluids, each cycle was optimized from the viewpoint
of heating COP by two design parameters. The first is the gas cooler
exit temperature and the other is the ratio of the overall heat
conductance of the gas cooler to the combined overall heat
conductance of the gas cooler and the evaporator. The inlet and outlet
temperatures of secondary fluid of the gas cooler were fixed at
40/90°C and 40/150°C.The results shows that the HFC-125 hest pump
has 6% higher heating COP than carbon dioxide heat pump when the
heat sink exit temperatureisfixed at 90°C, whilethelatter outperforms
the former when the heat sink exit temperature is fixed at 150°C under
the simulation conditions considered in the present study.
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|. INTRODUCTION

INCE many industrial and household applications need
medium-andhigh-temperature heating, a medium-and

high-temperature heat pump can be a good technica and
economical option. Regarding this, a great dea of efforts, e.g.,
improving component performance and devising anovel cycle,
has been made to increase a performance of heat pumps.

Proper selection of the working fluid also plays a significant
role in increasing performance. A carbon dioxide, which is
non-toxic, non-flammable and is compatible to normal
lubricants and common construction materials, has been
considered as a successful working fluid for a water heater
application that provides hot water up to 90°C [1].One of the
reasons why a carbon dioxide is preferred for a water heater
application is the benefit of temperature glide matching
between the supercritical carbon dioxide and water in a gas
cooler [2].However, its working pressure is very high and
products are still under development. In this study, a HFC-125,
which also forms a transcritical heat pump cycle with a lower
working pressure than the carbon dioxide, was considered as a
working fluid aswell asthe carbon dioxide for aheat pump that
provides 90°C and 150°C. Even though a HFC-125 is used alot
in refrigeration and heat pump applications as a component of
the zeotropic mixture HFC-407C or HFC-410A, studies on a
HFC-125 transcritical heat pump arerare[3].

The main objective of this study is to compare the
performance of the carbon dioxide and HFC-125 heat pumps
for medium-and high-temperature heating.
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For this purpose, heat pump cycles using carbon dioxide and
HFC-125 were optimized in terms of heating COP by
simulation method. After that, they were compared at the point
of their maximum performance.

Il. THERMODYNAMIC ANALYSISOF THE CYCLE

Fig. 1 isaschematic of the heat pump cyclein this study. A
working fluid leaves the gas cooler (state point 1 in Fig. 1;
SP1), is expanded to alow pressure (SP2), and then is heated to
a superheated vapor (SP3). After compression through the
compressor to a high pressure (SP4), the vapor is cooled (SP1).
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Fig. 1 Schematic diagram of a heat pump cycle

For the cycle smulation, it is assumed that the system
reaches a steady state. Pressure drop and heat loss in each
component are neglected. All heat exchangers are assumed to
be in counter-flow configuration. The energy and exergy
balances at the gas cooler and the evaporator are

Qsc =m,(h, —h) = rhCp,H (Tho ~ T ) = (UA) ¢ ATm,GC @)

ED,GC =my (eHI - eHO) +m, (64 - el) @)
Qe =m,(h;—h,) = mcp,C (To ~Teo) = (UA)EATm,E (©)
Epe =Mc(8y —€x) +M (8, — &) (4)

The compressor isentropic efficiency can be expressed as

7 = (hsg =)/ (h, ~ hy). ®)
The power input to the compressor is

W =m, (h, - h,). (6)

The exergy destruction rates in compression and expansion
processes are
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D,Comp
D,Exp = r.hrTO(SZ

Then, the heating COP is determinedQ@g/\N .In this
study, in order to perform a practical evaluatidrih@ cycle’'s
performance, the total overall conductance

size of heat exchangers constituting the cycle, grasn.The
heat pump cycle has many design parameters: tetapera
pressure at each part of the cycle, mass flow aaig,so on. In
this study, two independent variables are seletttedaximize
heating COP.The first isthe gas cooler exit temipeed, and
the other is th@JA) .. /((UA) & + (UA).) value, or the ratio of
the overall heat conductance of the gas cooldréacdombined
overall heat conductance of the gas cooler and t
evaporator.For a simulation, the following condisoare also
given:

(1)Heat source inlet temperaturg, =10°C and the
thermalcapacnanceraig =29.3 KWI/K.

(2)Heat sink inlet and exit temperatuTg =40°C and,
=90/150°C atne,,, = 4. 18/2.09 kWIK.

(3)The TOC(UA) . +(UA) is fixed at 30 kW/K.

(4)The isentropic efficiency for the compresgpris 0.7.

(5)The evaporator exit superheat is 5°C.

The thermodynamic properties of the working fluigie

calculated by REFPROP 8.0[4].Once the two independe

variables are given, the cycle performance candoed as
shown in Fig. 2. First, we assume the gas coolessure®,

and the evaporator pressupg. From the evaporator pressure

and given evaporator exit superheat, evaporatostate (SP3)
can be determined. By using an isentropic efficjefor the
compressor, compressor exit state (SP4) is detednifihen
the working fluid mass flow raten, can be determined by(1).
Assuming that the expansion process is isenthalfie,
evaporator inlet state (SP2) can be determinedn@) the
heat sink exit temperaturg, is determined. After this process, ~

we can determingUA) values for two heatexchangers from(l)ﬁT

and (3), where the mean temperature differente can be
expressed as (9) by assuming the constant ovexailttansfer
coefficientU[5]-[6].

(TOOC),
(UA) 4 + (UA). ,which can be regarded as a measure of the

Two design variables :
1. Gas cooler exit temperature T,
2. (U)o /(UA) o + (UA):)
¥

Assume :
1. Gas cooler pressure P,(= R)
2. Evaporator pressure P,(= P,)
¥

Determine :
Gas cooler exit state (SP1) from B, and T,
¥

Determine :
Evaporator exit state (SP3) from P, and
given evaporator exit superheat
L2

Determine :
Compressor exit state (SP4) from (5), P,, and
given /]

¥

Determine :
Working fluid mass flow rate m, from (1),

he (SP1) and (SP4)

¥

Determine :
Evaporator inlet state (SP2) from B, , (SP1),
and an assumption of isenthalpic expansion
L2

Determine :
Working fluid mass flow rate r, from (1),
(SP1) and (SP4)

¥

Determine :
Heat source exit temperature T, from (3)
¥

Determme
Toee by (9) and (UA) by (1)

(UA) o = Predetermined (UA) g ?

Y

Determine :
AT, by (9) and (UA)cby (3)

(UA) = Predetermined (UA). ?

Y
Heating COP is determined at
given two design variables

Fig. 2 Calculation procedure

©)

j" AT(Q)

After obtaining (UA),. and (UA). values, the initially
assumedP, and P, are renewed.Then the above procedure is
repeated until calculate@UA),. and (UA). values reach
predetermineqUA) .. and (UA). values from the given TOC
and  (UA)./((UA)g +(UA).) value. Once the
iterationsarecompleted for given conditions, thatimg COP is
determined. Then, the exergy destruction rate ichea
component can also be determined [7].

Fig. 3 shows the heating COP variations of carhbioride
heat pump cycle over the change of two indepenchambles
when a heat sink exit temperatqrg=90°C.

once (UA)o. /((UA) o +(UA)) is given, optimal T, is
capable of maximizing the heating COP. The reasby the

RESULTS ANDDISCUSSION
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optimum combination of(UA)../((UA)s +(UA).) and T, At the maximum heating COP condition, the gas cwpli
exists is as follows. IfT, is too high, the evaporator inlet pressure of the carbon dioxide cycle is 14,956 \WRite that of
quality increases too much, causing the cycle perdoce to the HFC-125 cycle is 5,804 kPa, which provides
decrease. If; is too low, since the temperature difference apportunitiesfor advantages in safety and cost@adioxide
the gas cooler exitT - T, ) decreases, the gas cooler inletycle is superior to HFC-125 cycle as far as a gesgion ratio
temperature T, ) increases to meAf_,which is determined is concerned. The compression ratio of the carlmxide cycle

by predetermine@,.andUA). - This increases a gas coolingis 4.5, while that of HFC-125 cycle is 9.4, whiglhrather higher
pressure B,), which in turn decreases the cycle performancehan ordinary design.

These two competing effects allow optinTalvalue to exist.

Meanwhile, whe + becomes too TABLE |
r(UA)GC /((UA)GC (UA) E) PERFORMANCE OF CARBON DIOXIDE ANCHFC-125HEAT PUMPS

small, a gas cooling pressure becomes too higthd oontrary, UNDER THEIR MAXIMUM HEATING COPCONDITIONS

when (UA) .. /((UA) & +(UA).) is too high, an evaporating T..=90°C T =150"C

pressure becomes toolow, causing the cycle perfocendo co, HFC-125 CQ HFC-125

decrease. As we have seen, the heating COP isrieéer by TranscriticalTranscritical Transcritical Transcritical

two independent variables under the giver%"‘ KPa 73773 3,617.7 7,377.3 3617.7
. . . UA). KW/K 165 16.9 18.5 19.8

conditions.Therefore, it is necessary to optimibe two UA), KWK 135 13.1 115 10.2

variables in order to maximize the heating COP. #is T, °C 43.1 43.5 44.9 47.7

purpose, the pattern search algorithm (PSA)was &yaglin T, °C -1.7 25 3.0 35

this study. The PSA, a method for solving optinimat Ts °C 33 25 20 15

problems, does not require any information aboetgtadient '« °C 143.9 109.7 192.2 164.0

of the objective function [8].In this study, the & Svas gi((;s;‘)) EE: ;222_558 2’2%(?‘8 ;ig&il 530’_237'7

implementedby using Matlab 2009a [9].Table | shaws p /p, = . 45 0.4 71 322
optimization results of carbon dioxide and HFC-1B&at T, °C 5.7 55 5.8 6.1
pumps. m, kgls 0.86 1.6 0.79 15
When the heat sink exit temperatfg, is fixed at 90°C, X - 0.42 0.4 0.38 0.5
each optimized cycle becomes transcritical cycletasvn in = 4Tmec  °C 12.7 124 12.5 11.6
) . . . ATme C 9.3 9.9 10.6 11.3
Figs. 4 and 5. From the viewpoint of a heating C&®, - = ¢ 31 35 1.9 77
HFC-125 cycle shows better performance of 2.66 Jenttie ATmin:E °C 6.7 7.5 8.0 8.5
carbon dioxide cycle has a relatively low perforieanf 2.50.  Qesc kw 209.3 209.3 230.2 230.2
The main reason for this is that theexergy destmctate Qe kw 1255 130.6 122.5 114.8
during expansion procesE[( ) of carbon dioxide cycle is 16 \é\’ E\\;\vl 23;8 Zi] 237'7 4115'4
kW, which is higher than that of HFC-125 cycle. Tdwrbon EDE W 84 63 o 43
dioxide cycle’s highg, _  value also increases an evaporatoEDComp KW 156 15.8 181 205
inlet quality (x,) to O. 42 while that of HFC-125 cycle is atg,,, kW 16.0 12.9 20.2 26.4
about 0.40. One of the major differences betweentéo COR, - 2.50 2.66 2.14 1.99
cycles is their working pressure. 160
50 . 140 4
I q,2.2421 ]
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=) ' 245 =~ 60 ]
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UA g/ (UAGHUAL) [KWIK] Fig. 4 Optimized carbon dioxide cycle on a T-s diagwhen T,

Fig. 3 Heating COP of carbon dioxide heat pump ¢er =90°C

change of two independent variables whgn, =90°C
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Fig. 5 Optimized HFC-125 cycle on a T-s diagram when T, =90°C

On the other hand, exergy destruction rates during
compression process Or evaporation process show no
significant difference between the two cycles under the
simulation conditions considered in the present study.

Meanwhile, when nk exit temperature T, isfixed at 150°C,

the carbon dioxide cycle outperforms the HFC-125 cycle. In
this case, HFC-125 cycle's high g, B value accounts for the

poor performance of HFC-125 cycle. Furthermore, HFC-125
cycle's high compression ratio of about 32 can be a technical
barrier from the viewpoint of real implementation.

IV. CONCLUSION

In order to compare the performance of the carbon dioxide
and HFC-125 heat pumps for medium-and high-temperature
heating, both heat pump cycles were optimized in terms of
heating COP by simulation method. When the heat sink exit
temperature is fixed at 90°C, the HFC-125 heat pump has 6%
higher heating COP than carbon dioxide heat pump. The main
reason for this is that the exergy destruction rate during
expansion process of carbon dioxide cycle is higher than that of
HFC-125 cycle. However, exergy destruction rates during
compression process or evaporation process show no
significant difference between the two cycles under the
simulation conditions considered in the present study. For a
high temperature heating, the carbon dioxide cycle looks
promising due to HFC-125 cycle's high compression ratio and
relatively low performance.
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